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influence of different hardened depths on the stress and lifetime of yaw bearings is analysed.
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Hardened raceway calculation analysis of yaw bearing
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Abstract: Yaw bearing is a key support structure of wind turbine, and is often exposed
to substantial complex loads that cause it to be prone to damage and fatigue failure.
Raceway surfaces bear high contact stress and require hardened treatment. The
hardened depth has a great influence on both carrying capacity and fatigue life. We
establish a whole finite element model of yaw bearing and use non-linear springs
instead of a ball to obtain the maximum contact load. Strain gauge experiment and
empirical formula are compared to verify spring model results. A local finite element
of ball and raceway with different hardened depths is established to analyze the stress
distribution and fatigue life. Raceway is divided into a hardened layer, a transition
layer, and a core layer. Indentation experiment verifies the raceway model with
different layers. The stress results compare with Hertz contact theory, and the fatigue
life results compare with yaw bearing fatigue life theory. The influence of different
hardened depth on the stress and life of yaw bearing is analyzed.
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1. Introduction
Wind energy is a resource-rich, renewable green energy. With the world’s new
energy development and utilization, wind power industry has become an important
strategy in energy-saving emission reduction and environment protection. Yaw
bearing and pitch bearing are important parts of a wind turbine, as shown in Fig. 1.

Among them, yaw bearing is a key support structure of the wind turbine. It is installed
in the wind turbine nacelle base to make the cabin rotate around the tower, and to
timely adjust the fan’s windward angle to get maximum power output. Substantial
complex loads, hundreds of tons of cabin, an installation location up to tens of meters,
inconvenient disassembly and expensive maintenance demand high reliability and
long life of a yaw bearing. It has a large size and contains the inner ring, outer ring,
ball, cage and other components, as shown in Fig. 2.

Fig. 1 Yaw and pitch slewing bearings in a wind turbine

Fig. 2 Single row four-point contact ball yaw bearing structure
For yaw bearing as large wind power bearing, a finite element method can
effectively reduce test costs and shorten development time. Many researchers use a
finite element method to study the yaw bearing. Springs instead of rolling elements in
the overall calculation model have great advantages in fast calculation and easy
convergence. Hardened raceway in a local finite element model greatly influences the
stress distribution and fatigue life of a yaw bearing. Wang et al. [1] established single
row and double rows four-point contact ball finite element models to analyze pitch
bearing carrying capacity. The model considered the effects of clearance, raceway
curvature, and initial contact angle. Guanci et al. [2] took a four-point contact ball
bearing as an example to research the influence of ball size and hardened raceway on
fatigue life. Stress life, strain life, and international standard methods were used to

analyze the fatigue life. Jon et al. [3] proposed a superelement-based FE model to
research the slewing bearing in wind turbine generators. It can significantly reduce the
computational cost at a high computational accuracy. The ball was replaced with a
rigid shell element, rigid beam elements, and traction only spring elements in the
finite element calculation. Göncza et al. [4] established a three-row roller slewing
bearing finite element model with hardened raceway to evaluate static carrying
capacity. The model took the effects of arbitrary roller geometry, raceway’s material
into account. Results show that the cylindrical roller, logarithmical roller and partially
crown roller are very different in carrying capacity. Gao et al. [5] used non-linear
springs instead of a ball to calculate the load distribution of a single-row ball slewing
bearing. Aguirrebeitia et al. [6] used the theoretical calculation combined with the
finite element model considering the preload to analyze the slewing bearing static
carrying capacity of wind turbine generators. The ball was replaced with a rigid shell
element, rigid beam elements, and traction only spring elements in the finite element
calculation. Göncz et al. [7] presented an assessment of the rolling contact fatigue life
of an induction hardened raceway. Their experiment obtained 42CrMo high contact
fatigue parameters and verified the fatigue life. Kania et al. [8] used superelements
(nonlinear truss elements) instead of a ball to calculate the slewing bearing carrying
capacity. They considered the influence of ring flexibility, bolts, and rolling element.
Gao et al. [9] proposed rolling contact fatigue reliability methods combined with
Lundberg-Palmgren theory and ISO 281. Contact load, contact geometry parameters,
and material parameters were taken into account. Göncz et al. [10] calculated the
static carrying capacity of three-row roller slewing bearings combined with ring
flexibility, non-parallel ring displacement，clearance, and hardened raceway. Potočnik
et al. [11] proposed a procedure to calculate the fatigue life of a double-row ball
slewing bearing. It described the geometric parameters as vectors to consider
irregularly shaped bearings. Lai et al. [12] analyzed hardened depth and carrying
capacity. The plastic compression and subsurface destruction were verified by
standard contact fatigue tests. Kunc et al. [13] researched the bearing capacity with
hardened raceway and experimented with the low cycle carrying capacity. Olave and

Sagartzazu [14] established a finite element model of a four-point contact ball slewing
bearing in order to analyze the load distribution considering ring geometry effects.
Their results are consistent with the theoretical calculation. Daidié and Chaib [15]
established a slewing bearing finite element model to analyze the load distribution and
contact angle changes. Using springs instead of a ball, they evaluated the change in
contact angle. Experiment validated the model effectiveness. Göncz and Drobne [16]
established the finite element model of a three-row roller slewing bearing in order to
analyze the load and stress distributions. Using the stress-life method, they obtained
the slewing bearing working life. Göncz and Potočnik [17] used ABAQUS to
establish a two-dimensional contact fatigue crack propagation model. Expansion of
the initial contact fatigue crack on the slewing bearing surface was simulated. Results
show that the analytical results are of some reliability and will be used more
frequently in subsequent analytical applications. Zaretsky et al. [18] used the
Monte-Carlo method to test fatigue life of a rolling bearing with a certain fixed speed.
The bearing service life under different bearing steels was compared. Potočnik et al.
[19] studied the fatigue life of double-row ball slewing bearing, as well as the
influence of ring deformation and hardened layer depth.
Critical stress-strain and fatigue life area of the raceway with hardened layer are
observed several millimeters below the raceway contact position. Yaw bearing
diameter can be several meters. If the whole model is refined, the grids number will
reach tens of millions. Hundreds of contact pairs can easily lead to non-convergence
for the actual analysis. Based on this reason, using non-linear springs instead of the
ball leads to the maximum contact load. The relationship between ball and raceway
under external load is studied based on Hertz contact theory. Calculation results are
compared with the empirical calculation equation. A local finite element model of the
ball and raceway is established to observe the influence of different hardened depths
on the stress and life of yaw bearing.

2. Raceway finite element model with different layers
2.1 Theoretical depth calculation of hardened layer
Contact areas of yaw bearing ball and raceway have high contact stress. If
raceway surface is not heat treated, rings easily produce core damage. To improve the
quality and extend service life, raceways must be hardened. In this paper, 010.40.1000
type yaw bearing from JB/T2300-2011[19] is studied. The structure is shown in Fig. 3,
and the parameters shown in Table. 1. The axial load Fa is 5.25

10 N·mm.

H1

h

D
w

10 N, and the overturning moment M 4.5

H

load Fr 1.75

10 N, the radial

Fig. 3 Structure of a single row four-contact ball yaw bearing
Table. 1 Specification parameters of single row four-contact ball yaw bearing
Parameter
Outer ring outer diameter

DO

Size

Parameter

Size

1122

Total height H1 (mm)

100

(mm)
Outer ring inner diameter

Di

998

(mm)
Inner ring outer diameter

dO

1001

Ball diameter

Dw

(mm)

Groove radius coefficient f

40

0.525

(mm)
Inner ring inner diameter

di

(mm)

Raceway center diameter DL

878
1000

Groove radius of curvature r
(mm)
Contact angle α (o)

21
45°

(mm)
Outer ring height H (mm)

90

Inner ring height h (mm)

90

Ball number n

64

Yaw bearing has a different core allowable equivalent stress  vperm according to
different materials. 42CrMo yield strength σ0.2 is 635 MPa. The relationship between
the core allowable equivalent stress and the yield strength is shown in equation (1):

 vperm  k 0.2

(1)

where k is a constant for the ball (0.75).
According to Fig. 4 and Hertz contact theory, the relationship between equivalent
stress  v and the raceway hardened depth z is obtained. The hardened layer depth
is from the raceway surface to the area where the hardness is greater than 52.5 HRC.
The transition depth from 52.5 HRC hardness area to the core is 10% of the hardened
layer depth as shown in Fig. 8. When the equivalent stress  v and the allowable
equivalent stress  vperm are the same, the depth is 110% of the minimum value of the
hardened layer.

Fig. 4 The relationship between  v and z

Fig.5 Hertz theory contact diagram
According to a U.S. National Renewable Energy Laboratory wind turbine yaw
bearing fatigue life theory calculation "Wind turbine design guideline DG03: yaw and
pitch rolling bearing life" [20], the empirical calculation equation of the maximum
contact load is shown in equation (2):
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 n cos α n sin α
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(2)

Hertz contact theory is a classical method used to obtain contact stress and
deformation [22, 23]. Fig. 5 shows a pair of contact spheres. The radii are ra1 and rb1
in plane 1. The radii are ra 2 and rb 2 in plane 2. The long half-axis a , the short
half-axis b and maximum contact stress  max of the contact ellipse are as follows:
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where μ1 is the ball Poisson ratio, μ2 is the raceway Poisson ratio, E1 is the ball
elastic modulus, E 2 is the raceway elastic modulus, Qmax is the maximum contact

load,

ρ is the sum of curvature,

α and β are obtained from a table [27].

Fig. 6 Determination curve of the yaw bearing hardened layer depth
The short half axis b is 1.0828 mm and the maximum contact stress  max is
3292.7 MPa from equations (3), (4) and (5). Using σ vperm and σ max yields the
relationship curve shown in Fig. 6 [24]. The depth z p of the intersection of the
allowable equivalent stress and the actual equivalent stress is 4.75 mm. The minimum
hardened layer depth DS is 4.3182 mm.
The hardened layer depth is provided in JB/T2300-2011 as follows:

Dw  40 ~ 50mm ， DS  4.0mm . The theoretical calculation of hardened layer depth
is bigger than the regulation (JB/T2300-2011). Hardened raceway depths of DS 3 mm,
4 mm, 5 mm and 6 mm are used to analyze different depth effect on stress and fatigue
life for subsequent analysis.

2.2 Verification of raceway finite element model with
different layers
Ball and raceway contact form of yaw bearing is point contact. Contact
experiment between the ball and a hardened plate specimen is performed to measure
the indentation depth on the plate specimen surface. The relationship between
indentation depth and contact stress is established by linear regression analysis. An
allowable contact stress of 42CrMo is obtained [26]. The sample material and heat
treatment are the same as the yaw bearing. In the test, the upper anvil of the test press

applies the pressure. The ball is indented on the plate specimen as shown in Fig. 7.
The press pressure is changed during the test to obtain indentation under varying
pressure. Indentation depths are measured using a Talyrond 364 cylindrical
instrument.

Fig. 7 Experimental diagram
The mathematical relationship between contact stress  max and ratio of
indentation depth to ball diameter

δq
Dw

is shown in equation (8) [26]:

δq
b
 kσ max
Dw

(8)

where  max is the maximum contact stress,  q is the indentation depth, Dw is the
ball diameter, k is a constant obtained from the data, and b is an index obtained
from the data.
Equation (8) makes the following transform:

y  lg(δq / Dw ) , x  σ max , a  lg k

(9)

Equation（8）changes into a straight line regression equation.
y  a  bx

(10)

The indentation test data of Fig. 11 is inserted into equation (11), and a correlation
coefficient r obtained [27].There are 36 sets of indentation data.
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A correlation coefficient r (0.9609) is obtained using MATLAB. The correlation

coefficient r obtained using equation (13) is larger than the r (0.424) in the
correlation coefficient significance test table [27].Therefore, the linear regression
equation (11) is valid.
Equation (12) is calculated by substituting the indentation depth test results
converting the power function curve into a nonlinear regression curve.
δq
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Fig. 8 Raceway hardness of different layers
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Fig. 9 Stress-strain curves of various raceway layers
The yaw bearing raceway surface hardness is 57-62HRC, and the hardness is
gradually reduced from the raceway to the area of 42HRC, as shown in Fig. 8. A finite
element model the same as the indentation test is established in this paper. The plate
specimen is divided into a case layer, transition layer and core layer as shown in
Fig.10. The Ramberg-Osgood equation of equation (13) is combined with the material
parameter shown in Table.2 in order to calculate the stress and strain. Table.2
parameters are obtained on the basis of the available experimental data by averaging
or by linear regression of the values available from the literature [28, 29, 30].

σ
σ 
ε a  ε e  ε p  a   a' 
E K 

1

n'

(13)

where  a is the strain amplitude (mm), ε e the elastic strain (mm), ε p the plastic
strain (mm),

 a the stress amplitude (MPa), E the modulus of elasticity (MPa),

K ' the cyclic strength coefficient, and n ' the cyclic strain hardening exponent.
Table. 2 Material parameters of each layer
Hardness(HRC)

E (MPa)

v

K ' (MPa)

n'

Core

42

207000

0.3

1173

0.0932

Transition

51

211000

0.3

1963

0.1054

Case

57

212000

0.3

5808

0.1550

Fig. 10 Indentation test finite element model
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Fig. 11 Comparison of experimental and finite element results

When

δq
Dw

is 0.01%, the allowable contact stress is 4564 MPa. When the ball

deformation is one ten-thousandth of the diameter, the maximum contact stress is
4200 MPa, according to Hertz contact theory [20]. The contact stress error is 8.6%
between the indentation test and Hertz theory, and the validity of the indentation
experiment is proved. Fig. 11 shows that the deformation obtained by finite element
calculation increases uniformly with load, and the fluctuation deformation obtained
by indentation test increases with load. In a hardened treatment plate specimen, it is
difficult to ensure the same hardness and hardened depth of each point on the
specimen surface. An indentation experiment selects a straight line on the specimen
surface and evenly selects the load point. The indentation depth is obtained by the
proportional load on the load point. The raceway layer finite element model can be
used in the follow-up raceway stress and life analysis according to the plate
machining error, treatment error, and measurement error.

3. Finite element model of non-linear springs
3.1 Establishment of non-linear spring model

Fig. 12 Yaw bearing cross section
A four-point contact ball yaw bearing raceway is composed of four circular
raceways as shown in Fig.12. The raceway cross section gap is zero. Ciu is the
groove curvature center of the inner ring upper raceway. Cid is the groove curvature

center of the inner ring lower raceway. Cou is the groove curvature center of the
outer ring upper raceway. Cod is the groove curvature center of the outer ring lower
raceway. The structure parameters are shown in Table. 1. The contact and deformation
relationship between ball and raceway is described by equation (14) based on Hertz
contact theory [31]:

Q  Kδ n ''

(14)

where Q is the contact load, K the elastic deformation index, δ the deformation,
n ' ' is 1.5 when the rolling element is a ball. K is 1.74

10 N/mm according to the

calculation method [25].
Equation (14) shows that the contact load and deformation between raceway and
ball is a non-linear relationship. Therefore, non-nonlinear springs can be used to
simulate the contact behavior between raceway and ball. As shown in Fig. 13, the
stress-deformation characteristics of non-linear springs are consistent with those of
the ball. The raceway and ball only cause contact deformation under pressure load,
and the non-linear spring needs to define the compression characteristics as shown in
Fig.14. The whole non-linear spring finite element model of the yaw bearing is shown
in Fig.15. The spring number and position are consistent with the ball number and

D

w

position. Two contact points of ball and raceway are selected to create a spring.

Fig. 13 Nonlinear spring instead of a ball

Load (N)

0.0
-5.0x10

6

-1.0x10

7

-1.5x10

7

-2.0x10

7

-2.5x10

7

-3.0x10

7

-3.5x10

7

-4.0x10

7

-8

-6

-4

-2

0

Deformation (mm)

Fig. 14 Load-deformation characteristic of a nonlinear spring

Fig. 15 Nonlinear spring model

Fig. 16 Loads applied to the yaw bearing
The reference point Rp-inner-ring and Rp-outer-ring are established in the inner
and outer ring geometric center. The Rp-inner-ring is a kinematic coupling on the
surface between the inner ring and the mounting base. The Rp-outer-ring is a
kinematic coupling on the surface between the outer ring and the upper swivel
mechanism. Rp-inner-ring is a full constraint. The Rp-outer-ring releases Z-direction
rotation degrees of freedom, as well as X-direction and Y-direction translation degrees
of freedom. Other degrees of freedom are restrained. The load is applied in the
Rp-outer-ring as shown in Fig.16.
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Fig. 17 Yaw bearing load hierarchies
The load distribution extracted from each spring is shown in Fig.17; the
maximum contact load is 56260 N, and the negative sign indicates pressure. The
raceway load is divided into light, middle, and heavy loads.

Q max
is chosen as a
2

dividing line to roughly determine yaw bearing heavy load and light load areas,
according to finite element static load analysis.
Table. 3 Comparison of maximal contact load obtained by different models
Model

Qmax

Error

Non-linear spring model

56260N

0

The empirical equation

59110N

5%

A contact load of 59110N is obtained from the empirical calculation equation (2).
Comparison results are shown in Table. 3 and the error is only 5%, which verifies the
correction of the non-linear spring finite element model.

3.2 Experiment verification of the non-linear spring model
To ensure the yaw bearing carrying capacity and to verify the aforesaid
theoretical analysis of finite element simulation, a strain gauge experiment is
performed. The whole yaw bearing test stand is mainly composed of a yaw bearing
assembly system, a hydraulic loading system, a drive system, a measurement system,
and a control system. The mechanical structure is shown in Fig. 18 and the physical

structure is shown in Fig. 19.

Fig. 18 Schematic diagram of the yaw bearing test stand structure

Fig. 19 Yaw bearing test stand
The test stand can achieve different specifications of yaw bearing carrying
capacity according to the design requirements. To ensure reliability of the experiment
data, the yaw bearing on the test stand should be as realistic as possible. The
experimental yaw bearing is the same and installed “face-to-face” or “back-to-back”.
Bolts are used to connect the flange with the yaw bearing. Different flange
specifications are changed to achieve different yaw bearings.
A stress circle of the yaw bearing raceway can’t be directly obtained. The strain
measurement method is used to measure the stress. Strain gauges are installed on the
inner ring circumference and measured under external load. The main monitoring
equipment is a DH3815N-3 static strain test system. To meet the experimental
measurement requirements, strain gauges are arranged evenly along the inside of the
circumference. The deformation direction of the strain gauge is consistent with the
axial direction of the yaw bearing, and the temperature compensated. The
measurement point layout is shown in Fig. 20, and the actual layout diagram is shown
in Fig. 21.

Fig. 20 Strain gauge measuring points layout diagram

Fig. 21 Actual layout diagram of strain gauge measuring points
Fig. 22 shows that variation trends of stress distribution of the yaw bearing are
basically the same under different loads. Strain gauges close to the M1 side are under
pressure, and No. 23 ~ 43 strain gauges measured stress values are negative. Strain
gauges close to the M2 side are under tensile load, and No. 1 ~ 16 and 57~69 strain
gauges measured stress value are positive. The interaction area of M1 and M2
hydraulic cylinders (No. 17~22 and No. 44~56) should theoretically be lightly loaded,
however, the stress value of the region has a greater variability, due to interference of
the mechanical structure( installation of the uneven surface of the base, bolt preload,
and other factors). The contact load is extracted from the spring finite element model
according to the strain position of the strain gauge. Table.4 summaries the applied
load of the different stages.
Table. 4 Static load level
Fuel tank M1

Fuel tank M2

load (MPa)

load (MPa)

Initial stage value

0.0

0.0

Primary stage load

2.0

0.7

Secondary stage load

3.5

1.8

Load lever

Third stage load

5.0

2.5

Fourth stage load

7.0

2.5

Fifth stage load

9.0

5.0

Strain gauges measured strain
Finite element simulation strain

10

Strain gauges measured strain
Finite element simulation strain

10

Strain (um)
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(e)
Fig. 22 Results of the strain gauge and spring finite element model (a) Primary stage
load; (b) Secondary stage load; (c) Third stage load ;(d) Fourth stage load ;(e) Fifth
stage load
Results show that the experiment load distribution and the theoretical analysis

are different, but the light load and heavy load distribution are consistent. The
reliability of the spring finite element analysis results are proved.

4. Local solid finite element model of ball and raceway
A local solid finite element model of ball and raceway is established and the
maximum contact is obtained using a non-linear spring finite element model. The
focus of this paper is stress and life on the hardened raceway, and the model is
simplified as shown in Fig. 23. The dotted line is the cross-sectional shape of ball and
raceway, and the solid line is a simplified model. A half finite model is established.
The minimum grid size below the raceway is 0.1 mm. The finite element type is
C3D8R, the element shape is hexahedron and the contact algorithm is Advancing
front. When the contact position grid size is half of the short half axis, the influence of
the grid size on the calculation can be ignored [4]. The short half-axis of the Hertz
contact theory is 1.0828 mm from equation (4). The raceway bottom of the simplified
model is fixed constraint and the raceway XOY plane is symmetrically constrained.
The XOY plane and XOZ plane of the ball are symmetrically constrained. The ball is
coupled with the RP-1, which releases the Y-direction degree-of-freedom and
constrains the other degrees-of-freedom. The load is applied in RP-1 as shown in Fig.
24.

Fig. 23 A simplified model of ball and raceway

Fig. 24 Local solid finite element model of ball and raceway

4.1 Stress analysis of local solid finite element model
Fig. 25 shows that the contact area is approximately elliptical and the maximum
contact stress is 3126 MPa when the hardened depth is 4 mm. Contact stress
distributions of other hardened depths are the same as Fig. 25 and the maximum
contact stress is different, as shown in Table. 5. Contact stress from Hertz contact
theory is bigger than the finite element model and the error is small, which indicates
the correctness of the local solid finite element model. Hertz contact theory makes
some assumptions and simplification that produce safe results. The finite element
analysis is more in line with actual working conditions that influence factors (the
friction coefficient, the contact angle, the ring deformation, etc.). The finite element
method is more accurate than the theoretical calculation of the yaw bearing.

Fig. 25 Contact stress of the hardened depth 4 mm
Table. 5 Contact stress of the Hertz contact theory and the finite element
Hertz

Finite

Finite

Finite

Finite

contact

element

element

element

element

Maximum contact stress
(MPa)

theory

DS3mm

DS4mm

DS5mm

DS6mm

3292.7

3130

3126

3115

3104

Von Mises consider the combined effect of the independent normal stress and
shear stress that follow the fourth strength theory. When the equivalent stress reaches
a certain value, the point begins to enter the plastic state. The maximum von Mises is
1429 MPa and is located under the raceway surface when the hardened depth is 4 mm,
as shown in Fig. 26. The surrounding arc area stress is highly concentrated and easily
damaged. S, Tresca distribution is very similar to the von Mises and the maximum
value is 1599 MPa under the raceway surface, as shown in Fig. 27.

Fig. 26 von Mises of DS 4 mm
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Fig. 28 Stress path under the raceway surface (a) DS=3 mm; (b) DS=4 mm; (c) DS=5
mm; (d) DS=6 mm
Von Mises is extracted along the depth direction of the maximum position of the
raceway stress, as shown in Fig. 28. The curves of different hardened depths are the
same, in that they first rise then fall along the depth direction. The values are different.
When the hardened depth is 3 mm, the stress of the core area is bigger than the
allowable stress as shown in Fig. 28(a). The core layer will be crushed. The crack will
commence in the core layer and expand to the raceway surface, thus causing a large
area of peeling. When the hardened depth is 6 mm, the stress of the core area is
smaller than the allowable stress, as shown in Fig. 28(d).
The maximum value of the alternating stress has two absolute values of 293 MPa
and 293.1 MPa under the raceway surface. The stress of the two parts is almost a
symmetrical distribution, as shown in Fig. 29. The stress distributions of different
hardened depths are the same and thus not listed one by one. Various stress values
differ little among groups in Fig. 30.

Fig. 29 The alternating stress of DS 4mm
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Fig. 30 Various stress of different hardened depth
Maximum shear stress theory (the third strength theory) shows the point will yield
when the maximum shear stress reaches a certain value. There are many views on the
influence of subsurface stress on rolling contact fatigue. It is generally considered that
the maximum static shear stress plays a major role in the plastic deformation of the
contact surface. The maximum dynamic shear stress plays a major role in the
occurrence and expansion of contact fatigue cracks. The depth of maximum Mises is
shallower than the depth of maximum shear stress. It can be seen that plastic
deformation and fatigue damage are likely to occur in the vicinity of the position
where the maximum static shear stress is generated.

4.2 Life analysis of local solid model
Fe-safe is a special software package for structural fatigue analysis, more
specifically for analyzing the fatigue life of a yaw bearing. 42CrMo fatigue data are
obtained by the Seeger algorithm combined with ultimate tensile strength and elastic
modulus. The 42CrMo tensile ultimate strength is 1080 MPa and the elastic modulus
is 207000 MPa. The S-N and ɛ-N curves are shown in Fig. 31. The roughness Ra of
the yaw bearing raceway surface is 0.25<Ra<0.6 µm. The contact load is considered
to be a pulsating cycle, as shown in Fig. 32 [32]. The Brown-Miller algorithm is the
preferred method recommended by the American Association of automobile
manufacturers, since fatigue damage occurs on the plane that experiences the
maximum shear stress amplitude. Fatigue damage is the result of the maximum shear

strain and the co-action of the principal strain on this plane [33].
The Morrow mean stress criterion is used to modify the average stress and strain.
It subtracts the average stress per cycle to correct the elastic stress and make the
predicted fatigue life closer to the actual fatigue life [34]. Morrow’s mean
stress-modified Brown-Miller strain-life equation is expressed as equation (15).
σ'
Δr
Δε
max  n  c f ( 2 N )b  c ε' ( 2 N )c
1 E
2 f
f
f
2
2

(15)

where Δrmax is the shear strain amplitude (mm), Δε n is the principal strain
amplitude (MPa), N f is the number of cycles, σ ' f is the fatigue strength coefficient,

c is the ductility index, ε' f is the fatigue extension coefficient, and E is Young's
modulus (MPa).

(a)

(b)
Fig. 31 (a) 42CrMo S-N curve; (b) 42CrMo ɛ-N curve

Fig. 32 Load information

(a)

(b)

Fig. 33 Yaw bearing fatigue life of DS 4mm (a) Logarithmic life; (b) Fatigue strength
factor
The area with low fatigue life is similar to a von Mises distribution and the
minimum value is 5.063 under the raceway surface, as shown in Fig. 33. The cycle
number is 10

.

. Fatigue failure of a yaw bearing occurs in the stress concentrated

area. A crack is first generated in this area and then expands. The surface is peeled off,
which exacerbates bearing wear and enlarges the damage range. A fatigue strength
factor gives a reduction factor for the stress at the target life, which outputs the result
of the unit stress. If the value is less than 1, this indicates that the current stress state
multiplied by the fatigue strength factor can reach the target life. If the value is greater
than 1, this indicates that the current stress state is lower than the target life required
stress state.
According to the United States. National Renewable Energy Laboratory wind
turbine slewing bearing fatigue life theory calculation "Wind turbine design guideline
DG03: yaw and pitch rolling bearing life" [20], the basic dynamic axial load rating is
as follows:
2
C = f (i cos a ) 0.7 n 3 D 1.8 tana
a
w

(16)

where f is the raceway groove curvature radius/ D , n is the ball number, i is the
rolling element row, Dw is the roller diameter, and a is the contact angle.
The slewing bearing dynamic equivalent axial load rating is as follows:
P = 0.75F + F + 2M D
L
ea
r
a

(17)

The slewing bearing basic rating L10 formula (for 10e6 revolutions) is as
follows:

C 
L10   a 
 Pea 

3

(18)

The slewing bearing ANSI/ABMA standard modified rating life L
formula
nm
(for 10e6 revolutions) is as follows:
a a a a L
L
nm
1 2 3 4 10

(19)

where a1 is the life modification factor for reliability (reliability 90%), a2 is the
life modification factor for bearing steel or another material, a 3 is the life
modification factor for lubrication, and a 4 is the life modification factor for a
flexible supporting structure.
The final wind turbine slewing bearing fatigue life theory estimate is
2096.875revolutions.
T  Lnm * n  134200
1

(20)

The theoretical fatigue life of a yaw bearing is larger than the simulated fatigue
life. The fatigue life increases with hardened depth, as shown in Fig. 34.
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Fig. 34 Theoretical versus simulated fatigue life

5. Conclusion
In this paper, analysis of a yaw bearing hardened raceway is carried out. Using a
non-linear spring instead of the ball quickly obtained maximum contact load between
ball and raceway. The maximum contact load is compared with Hertz contact theory.
A strain gauges experiment verifies the whole non-linear spring finite element model.
Then a local ball and raceway finite element model is established and the raceway
divided into the core layer, transition layer, and the hardened layer. An indentation test
and Hertz contact theory are used together to verify the local finite element model
with different layers. Stress results of different hardened depths are compared with
Hertz contact theory, and fatigue life results compared with the theoretical yaw
bearing fatigue life. The following results were forthcoming: 1）The maximum surface
contact stress obtained by the finite element method is smaller than the Hertz contact
theory. The maximum surface contact stress of different hardened depths is different
and the error values small; 2) Stress curve trends extracted path along the position of
the maximum von Mises for different hardened depths are the same and the values are
small different; 3) The theoretical fatigue life of a yaw bearing is larger than the
simulated fatigue life. Also, fatigue life increases with hardened depth.
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